I. Introduction
HE heat dissipated in electronic components is increasing with advances in the performance of modern computers. Furthermore, the structure of these components is becoming ever more compact. Therefore, thermal management in the electronics environment is becoming increasingly difficult due to high heat load and dimensional constraints. Impingement air cooling with heat sinks is one attractive solution to these problems. Nottage 1 suggested that the heat sink fin and channel may be thought of as a type of heat exchanger in which the hot fluid stream is replaced with the solid fin. The counterflow arrangement has the greatest potential to achieve high effectiveness. This requires an airflow direction normal to the heat sink base; however, heat sinks with airflow directed normal to the base have received little attention. Since the impingement airflow in a heat sink is intermediate between counterflow and crossflow, its thermal performance is expected to exceed that of a crossflow heat sink.
The present work is focused on the impingement flow plate fin geometry. The research objective is to develop a simple model for predicting heat transfer coefficient of plate fin heat sinks for impingement air cooling. Experimental measurements of thermal resistance are performed with heat sinks of various dimensions and airflow velocities to test the validity of the model.
II. Literature Review
Teertstra et al. 2 developed an analytical model to predict the average heat transfer rate for air cooled plate fin heat sinks in parallel flow. The Nusselt number is a function of the heat sink geometry and fluid velocity. The model is asymptotic between two limiting cases -fully developed and developing flow in parallel plate channels. They validated the model with experiments and found 2.1% RMS error and 6% maximum error. There have been few studies specifically on impingement cooling with heat sinks. The geometry of a heat sink in impingement flow is shown schematically in Fig. 1 . In this flow arrangement the air enters at the top and exits out the sides, i.e. TISE (top inlet side exit). Biskeborn et al. 5 reported experimental results for a TISE design using unique "serpentine" square pin fins. Sparrow et al. 6 performed heat transfer experiments on an isothermal TISE type single channel passage. Hilbert et al. 7 reported a novel laminar flow heat sink with two sets of triangular or trapezoidal shaped fins on the two inclined faces of a base. This design is efficient because the downward flow increases the air speed near the base of the fins where the fin temperatures are highest. By having the cool air enter at the center of the heat sink and exit at the sides, the length of the fins in the flow direction is reduced so that the heat transfer coefficient is increased. Sathe et al. 8 conducted a numerical and experimental study of a TISE plate fin heat sink that was notched in the center to reduce flow stagnation. Copeland 9 performed theoretical, experimental and numerical analyses on a manifold microchannel heat sink with multiple top inlets alternated with top outlets. At a given pumping power, increasing the number of inlet/outlet channels requires an increase in the volume flow rate, but permits higher flow velocity, provides lower thermal resistance. Kang and Holahan 10 developed a one dimensional thermal resistance model of impingement air cooled plate fin heat sinks to understand how the heat sink performance depends on the different geometry variables. This simple model provides only an order of magnitude estimate of the thermal resistance. Holahan et al. 11 modeled the impingement flow field in the channel between the fins as a Hele-Shaw flow. Conduction within the fin is modeled by superposition of a kernel function derived from the method of images. Convective heat transfer coefficients are adapted from existing parallel plate correlations. Kondo et al. 12 completed an experimental study and reported a zonal model of a thermal resistance prediction for impingement cooling heat sinks with plate fins. The impingement flow over the plate fins was divided into six regions. A set of correlations are proposed between the thermal resistance of the heat sink and the geometry of the plate fins. Dividing the heat sink into regions requires a large number of equations and makes the model very complicated. The accuracy of the predicted thermal resistance was found to be within ±25% of the experimental data. Sathe et al. 13 presented a computational analysis for three dimensional flow and heat transfer in the IBM 4381 heat sink. Biber 14 carried out a numerical study to determine the thermal performance of a single isothermal channel with variable width impingement flow. She numerically studied many different combinations of channel parameters and presented the correlation for channel average Nusselt number (Re based on impingement inlet velocity). 
Sasao et al. 15 developed a numerical method for simulating impingement air flow and heat transfer in plate fin heat sinks. Saini and Webb 16 presented a modified Biber 15 model and validated this model by experiments. Recently, a simple impingement flow thermal resistance model based on developing laminar flow in rectangular channels has been proposed by the authors 17 .
III. Theoretical Analysis
Heat sink thermal circuit analysis Heat sink models typically assume a uniform airflow at the heat sink inlet. The flow in typical plate fin heat sinks used in cooling electronic modules is laminar, because of the small fin spacing and low airflow rates. The thermal resistance circuit for heat flow from the electronic module surface temperature (T s ) to ambient temperature (T amb ) is depicted in Fig. 2 . Heat generated from an electronic module can be approximated as constant heat flux over area A s . The electronic module surface area (A s ) is usually too small to dissipate the heat, so a heat sink is typically required. Since heat sink base area (A b ) is usually larger than A s , thermal spreading resistance (R sp ) occurs when heat leaves a heat source of finite dimensions (A s ) and enters into a larger region (A b ). Heat flux is assumed uniform over the base of fins. Heat is conducted from the base to the tip of the fins and it is convected from the fin surface (R fins ). Heat is also convected from the prime surface (the exposed portion of the base) (R bare ). The thermal resistance from the fins and prime surface to the ambient air is the total convection resistance of heat sink. The heat sink total convection resistance is usually the dominant thermal resistance in the thermal circuit for the electronic module cooling. Figure 2 illustrates the thermal circuit corresponding to the heat transfer from a plate fin heat sink. The total thermal resistance is
The total thermal resistance may be modelled by considering the heat sink as bare plate with effective film coefficient as shown in Fig. 3 . The thermal resistance is now:
where R 1D is the one dimensional resistance given by 
The spreading resistance vanishes when the heat flux is distributed uniformily over the entire heat sink base surface.
Lee et al. 18 developed an analytical model for predicting thermal spreading resistance in a circular plate with a uniform heat flux on one surface and a convective boundary condition over the other surface. Yovanovich et al. 19 reviewed the previously published spreading resistance models and presented simple correlation equations for ease of computation. Yovanovich et al. 20 presented the thermal spreading resistance of an isoflux, rectangular heat source on a two layer rectangular flux channel with convective or conductive boundary conditions at one boundary. The thermal spreading resistance for the present research is obtained from the following expression developed by Yovanovich et al. Spreading resistance is important in heat sink applications. The value of the effective heat transfer coefficient h eff accounts for both the heat transfer coefficient on the fin surface and the increased surface area, as shown in Fig. 3 .
The overall heat sink resistance is given by 
Approximate heat transfer analysis
We need only study one half of a single channel of the heat sink since the flow field and temperature contours on the other half are a mirror image due to symmetry, as illustrated in Fig. 4 .
The R total is known from experimental measurements, therefore, the actual heat sink channel heat transfer coefficient, h, can be obtained from Eq. (11) .
We can use a dimensionless thermal developing flow length, L * = (L/2) / (D h RePr), as the independent parameter.
For fully developed flow (L * →∞), the air temperature rise nearly equals the channel wall temperature rise. For this condition, it can be shown that from energy balance:
where q is the total heat transfer rate from a single channel. The Nusselt number obeys a relationship of the type ( )
For very small distances from the rectangular duct inlet, the effect of curvature on the boundary layer development is negligible. Thus, it should approach the classical isothermal flat plate solution for developing flow in the entrance region of rectangular ducts (L * →0). The Nusselt number obeys a relationship of the type for developing flow Impingement flow in a plate fin heat sink is essentially a simultaneously developing hydraulic and thermal boundary layer problem in rectangular ducts. The flow may become fully developed if the heat sink channel is sufficiently long in the flow direction for narrow jets or with small fin spacing, however, this is very unlikely for most electronic cooling applications. Figure 6 shows a schematic of the thermal tester. Two electrical heaters were used to simulate an electronic module. These electrical heaters were put into a 76.2 mm square cross section 12 mm high copper block. Insulation was applied to the bottom and the periphery of the copper block. The heat loss was estimated to be less than 5 % of the heat input, and a correction was applied in the data reduction. The heat input to the heat sink was determined at the time of test by the product of measured voltage and current (UI) corrected for ambient heat loss (Q loss ).
IV. Experimental Facility
Five copper-constantan thermocouples were attached to the upper surface of the copper block to measure the upper surface average temperature. Another five thermocouples were attached to the lower surface of copper block to measure the lower surface average temperature. The upper and lower surfaces are divided into four equal areas. The five thermocouples are placed at the centroids of the four equal areas and the center of the whole surface, respectively. The mean temperature of the heat source was represented as the average of the ten readings of thermocouples. The ambient temperature was measured with three other thermocouples. The three thermocouple readings were averaged to give the average ambient temperature. The measurement includes the spreading resistance.
Tests were conducted for four heat sink geometries for impingement flow. Heat sink thermal resistance data were taken for different flow rate conditions and different impingement inlet widths. For each heat sink, the experimental measurements were carried out at seven different velocities in the plenum chamber (V d ), 0.4 m/s, 0.5 m/s, 0.6 m/s, 0.7 m/s, 0.8 m/s, 0.9 m/s, 1.0 m/s, and six different impingement inlet widths, 5%L, 10%L, 25%L, 50%L, 75%L, 100%L, respectively. In total, 168 data points were collected for thermal resistance. The details of the heat sinks used for the tests are summarized in Table 1 .
The uncertainty analysis for the test data was conducted using the root sum square method described in Moffat 21 and Holman. 22 The uncertainty in the total measured thermal resistance (R total ) was a maximum of 2.6 % for the 
V. Results and Discussion
The R total is calculated from Eq. (3) based on experimental measurements; therefore, the actual heat sink channel mean heat transfer coefficient, h, can be obtained from Eq. (11) . The experimental data points of four actual heat sinks and other published experimental data points are fitted to a correlation: The simpler model fits the experimental data within 18%. This model is also very close to Eq. (16) . The data and model are shown in Fig. 7 . The developed heat transfer model covers the practical operating range of this type heat sinks.
It is possible to develop an asymptotic model for fully developed and developing flow if further experimental data points in fully developed region are obtained. However, this is not practical for impingement flow cooling of parallel plate heat sinks, since it is essentially a developing flow problem. Fig 9. , the impingement flow transition point to fully developed flow is larger than normal duct (parallel flow) transition point L *~0 .05. Therefore, the thermal performance of air cooled plate fin heat sinks in impingement flow exceeds that of similar heat sinks in parallel flow.
Although the heat transfer prediction algorithm is based on a very simple model, it succeeds in representing the trends of the experimental values fairly well. The agreement is quite satisfying in view of the simplicity of the model. Given the uncertainties of thermal resistance measurements, the model is validated reasonably well.
VI. Conclusion
This paper investigated thermal resistance and heat transfer of impingement air cooled plate fin heat sinks for a variety of impingement inlet widths, fin spacings and fin heights. The simple heat transfer model is developed for the low Reynolds number laminar flow and heat transfer in the interfin channels of impingement flow plate fin heat sinks, since the expected practical operating range of this type of high performance heat sink would typically produce flows in the range of Re < 1200. The accuracy range of the simple model was established by comparison with experimental measurements of four actual heat sinks and other published experimental data.
The heat transfer model covers the practical operating range of this type heat sink, 0.01< L * < 0.18. The accuracy of the heat transfer model was found to be within 11% of the experimental data taken on four heat sinks and other experimental data from the published literature at channel Reynolds numbers less than 1200. The developed heat transfer model may be used to predict the thermal performance of impingement air cooled plate fin heat sink for design purposes. 
